Waste heat recovery (WHR) for internal combustion engines in vehicles using organic Rankine cycle (ORC) has been a promising technology recently. The operation of the ORC WHR system in supercritical conditions has a potential to generate more power output and thermal efficiency compared with the conventional subcritical conditions. However, in supercritical conditions, the heat transfer process in the evaporator, the key component of the ORC WHR system, becomes unpredictable as the thermo-physical properties of the working fluid changes with the temperature. Furthermore, the transient heat source from the vehicle's exhaust makes the operation of the WHR system difficult. This paper investigates the performance of the ORC WHR system at supercritical conditions with engine's exhaust data from real city and highway drive cycles. The effects of operating variables, such as refrigerant flow rates, evaporator and condenser pressure, and evaporator outlet temperature, on the performance indicators of the WHR system in supercritical conditions are examined. Simulation of operating parameters and the boundary of the WHR system are also included in this paper.
Introduction
Almost two third of the fuel energy absorbed by an internal combustion engine is wasted via the exhaust and cooling systems [1] [2] [3] . The wasted energy makes the engine less economic and is one of the major causes of thermal pollution. To improve the efficiency of the engine, extensive research has been carried out on the waste heat recovery (WHR) system in recent years. The WHR system converts the exhaust or coolant heat into either mechanical rotation or electrical power, which increases the thermal efficiency and, as a result, reduces the fuel consumption of the engine [4, 5] . Two established technologies of WHR can be found in existing literature: the thermoelectric generator (TEG) [6, 7] and the fluid based power cycle [4] . A TEG consists of two dissimilar metals joined together, which converts the heat energy to electrical power. A fluid based power cycle is a combination of several thermodynamic processes and generally involves a working fluid that collects the waste heat and expands at an elevated pressure and temperature to produce useful work [4] . Several types of fluid based power cycles have been proposed including Organic Rankine Cycle (ORC), Trilateral Flash Cycle, Kalina Cycle, and Goswami Cycle [8] . Among the TEG and power cycle methods, the Organic Rankine Cycle (ORC) is well established for waste heat recovery from low and medium grade heat sources because of its high thermal efficiency, less weight, smaller volume, simplicity and availability of the components [8, 9] .
The ORC uses organic working fluid instead of water which can be often seen in the Rankine cycle. The organic fluid can have desirable properties such as a high molecular weight, high vapor pressure and low boiling point, and are capable of producing power from a few kW to 200kW with low and medium grade heat sources [10] [11] [12] [13] . Many factors including working fluid selection and operating condition can influence the performance of the ORC waste heat recovery system [14] . Glover et al. [15] studied the selection of working fluids and their boundaries and investigated the theoretical potential of work output and pressure-temperature limits of the selected fluids. Saleh et al. [16] presented the performance analysis of the ORC for geothermal application with regards to 31 pure organic fluids. Gao et al. [8] studied 18 different working fluids in an aim to find the best fluids to enhance the performance idicators, such as, power output, exergy efficiency, and lower investment. Most of the previous studies on the fluid selection were conducted using a thermodynamic based cycle, where isentropic and other mechanical losses are assumed to be constant.
In addition to the working fluid selection, the operating conditions of the ORC have a significant influence on the thermal efficiency and heat utilization of the WHR system. Two classified operating conditions of the ORC waste heat recovery system can be observed: subcritical and supercritical. The operating pressure of the subcritical ORC is below the critical pressure of the working fluid; while the supercritical ORC is run at a pressure higher than the critical pressure. Recent research on the ORC WHR under subcritical conditions has focused on parametric optimization [17] [18] [19] , dynamic modelling and control [11, [20] [21] [22] . In subcritical conditions, Glover et al. [4] showed that the thermal efficiency of the ORC is low since the cycle is run at a lower pressure ratio. The supercritical ORC has been investigated with the aim to increase the cycle efficiency and presented in several reports [4, 8, 23] . The initial investigation outcome shows that the cycle efficiency of the ORC WHR system can be enhanced by 10% -30% with the heat addition to working fluids at supercritical pressure, since specific work output and cycle efficiency is increased with the increase of pressure ratio [4, 8, 9] . In excess to the enhanced efficiency, the exergy degradation is low at the supercritical pressure which is an advantage to achieve high heat utilization of the WHR system [24] . Furthermore, other advantages including low compression work requirements to elevate the fluid temperature and pressure above the critical values, and a better thermal match between supercritical working fluids and heat sources have also been mentioned in [8, 16] .
Although the supercritical ORC WHR has remarkable benefits, availability of components and safety of operation are the two major concerns for this area [25] . Simulation of the supercritical condition is, therefore, necessary before testing the real system. Research on the supercritical ORC WHR has focused, primarily, on the fluid selection [8, 15] ; design and optimization [23, 24] only. To the author's knowledge, the supercritical ORC based waste heat recovery system using variable heat sources from an internal combustion engine has not been studied.
In this research, the ORC WHR system is investigated in supercritical conditions with variable heat sources from the real vehicle exhaust from the city and highway drive cycles. The aim of this simulation is to show the effects of operating parameters such as mass flow rate, temperature, evaporator pressure and condenser pressure on the performance of the waste heat recovery system.
The sections of the paper are presented as follows. Detailed ORC modelling techniques are described in section 2. Simulation results and comprehensive analysis are presented in section 3. Conclusions are drawn in section 4.
Modelling of ORC WHR system
The ORC WHR system consists of four major components: pump, evaporator, expander and condenser as shown in Fig. 1 . Liquid refrigerant is pumped to the evaporator where it is heated and vaporized by the engine's exhaust. This vaporized fluid is then expanded and produces mechanical energy in the shaft of the expander. A generator is normally coupled with the expander shaft to convert mechanical energy into electrical power. Exhaust product from the expander passes through the condenser where secondary cooling air removes extra heat and converts the exhaust back to a liquid.
This section describes a detailed model of the pump and evaporator including a thermodynamic model of the expander and condenser of the ORC WHR system.
Pump model
In this research, the volumetric diaphragm type Hydra-cell D/G-03-B pump with a maximum outlet and inlet pressure of 8300 kPa and 1700 kPa, respectively [26] is used in the simulation of the WHR system. The maximum speed of the pump can be up to 1750 RPM. The maximum delivery capacity of the pump at this speed is 4.2 litre/min. For volumetric diaphragm pumps, the mass flow rate is proportional to the speed of the pump [22, 27] . The relationship between pump speed and the mass flow rate of R134a at saturated liquid state is derived from the performance curve of the selected diaphragm pump provided by manufacturer as follows: η is the mechanical efficiency of the high pressure diaphragm pumps which is equal to 0.75 and assumed to be constant [2, 28] ; pi P and po P are the pump inlet and outlet pressure, respectively.
The working fluid used in this simulation is R134a, which is widely used for commercial purposes, readily available and has a high auto-ignition temperature [15] . Since the critical pressure of the R134a refrigerant is 4060 kPa and temperature is 374 K, the supercritical pressure at the pump outlet in this simulation is set to 5500 kPa, which is well above the critical pressure. On the other hand, the inlet pressure of the pump is set to 770 kPa which is the minimum pressure at the nominal condenser temperature of 303 K [15] .
Evaporator model
The evaporator is considered as the most important part of the ORC in this simulation since heat transfer at supercritical pressure takes place within this component. The selection of heat exchanger depends on the operating conditions, fluids and heat transfer requirements in the system. The common types of heat exchangers available in the market are finned tube, shell and tube, plate, etc. A counter flow plate heat exchanger is chosen as the evaporator in this research because of its compactness and outstanding heat recovery qualities [9] . The geometrical parameters of the evaporator are listed in Table 1 .
Three modelling techniques are normally used for the evaporator: single segment lump method, three zone method and distributed or finite volume (FV) method [19] . The single segment technique treats the evaporator as a single-phase (i.e. liquid) heat exchanger. This method is appropriate when the specific heat of the fluid does not change with temperature. The zone modelling technique can be used where the evaporator has three distinct phases: liquid, liquid-vapor and superheat vapor zone. The heat transfer equations in each zone are solved by applying this method. In the finite volume technique, the evaporator is split into small segments and the thermophysical properties are assumed to be constant at each segment since the temperature variation of the segment is low and is normally neglected.
When an evaporator is subjected to a supercritical pressure, the thermo-physical properties of the working fluid are strongly dependent on the temperature [24] . Furthermore, a distinct phase for the fluids does not exist at supercritical conditions. For these reasons, a single segment lump method with constant fluid properties or a zone-wise technique cannot be used to calculate the heat transfer in supercritical conditions. In order to take those property changes into account, the evaporator is divided into small segments along the flow direction as shown in Fig. 2 , and the heat transfer equations for each segment are solved iteratively by the finite volume method [29] .
The 
where A is the total heat transfer area of the evaporator.
The amount of heat transferred due to the change in temperature of the exhaust j exh Q is calculated in Eq. (7) and the heat transferred due to the change in enthalpy of the refrigerant j r Q is calculated in Eq. (8) as follows:
is the specific heat capacity of the exhaust (kJ/kg K); The thermo-physical properties of the working fluid around the critical temperature are strongly variable at critical pressure [24] . For this reason, the Jackson correlation for supercritical fluids [30, 31] is used to calculate the Nusselt number Nu for the refrigerant in Equation (9). This neutralizes the variation effects around the pseudo-critical point.
T is the bulk temperature of the refrigerant, pc T is the pseudo-critical temperature of the refrigerant; p c is the average specific heat capacity of the medium; wall ρ is the density of the working fluid at wall temperature and b ρ is the density of the working fluid at bulk temperature;
H are the enthalpy of the working fluid at wall and bulk temperature, respectively. In this case, the bulk temperature is the same as the average refrigerant temperature of the cell.
For the exhaust, the Nusselt Number correlations proposed by Gnielinski are used. The proposed correlation takes wall roughness into account by calculating friction factor exh f based on the Reynolds number Re as follows [9, 32] : Fig. 3 and Fig. 4 show the finite volume iteration process to calculate the outputs of the evaporator model. The steps of the iteration process are described below.
Step1: All inputs of the model, including flow rate of exhaust gas, temperatures of the fluids, pressure, refrigerant flow rate and geometry of the evaporator are defined at the beginning of the iteration process. Among these input variables, the refrigerant and exhaust variables are used as the inputs of the segment 1 = j and N j = as shown in Figs. 2 and 3. The first segment is then initialized by assigning an initial inlet refrigerant temperature and assuming an initial exhaust outlet temperature as shown in Fig. 3 .
Step 2: Set the initial values for the inlet, outlet and wall temperatures of the segment 1 = j as shown in Fig. 4 .
Step 3: When all inlet and outlet temperatures of the first segment are known, the convective heat transfer coefficients of the exhaust and refrigerant are calculated using Eq. (9-16). Once heat transfer coefficients of the fluids are obtained, the wall temperature of the evaporator is iteratively evaluated until the heat transfer rates in Eq. (4) and (5) are equal.
Step 4: The heat transfer rate of the fluids at step 3 is used to calculate the output variables of each segment by using the energy balance condition of the fluids. The calculated output variables are compared with the initially assumed values and the iteration process is repeated until the deviation is within the allowable limits of the convergence values as shown in Table 2 . These values are a compromise chosen to reduce the computation time while achieving reasonable accuracy.
Step 5: At this stage, the outlet variables of the first segment are all known. The iteration process continues along the refrigerant flow direction, the output variables of the first segment are used as the input of the second segment as shown in Fig. 2 . When the second segment is initialized with the input variables, the iteration process starts again to calculate the output variables and stops when the deviation is satisfied within the prescribed range. This process is repeated until the th N segment, as shown in Fig. 3 .
Step 6: At the end of the th N segment, the calculated exhaust temperature at the inlet of the evaporator
is obtained. The outlet temperature of the th N segment is then compared with the real exhaust data. If the error between the calculated and real temperature is less than the deviation shown in Table 2 , the iteration process stops. Otherwise, the iteration process is repeated as shown in Figs. 3-4.
Expander model
The heat energy recovered at the evaporator is then expanded in the expander to generate mechanical rotational energy. A thermodynamic model based on the state enthalpy is used for the simulation of the expander in this research. The work output of the expander exp W is calculated as follows: 
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where exp m  is the mass flow rate of refrigerant through the expander; i Hexp, is the enthalpy at the expander inlet and o Hexp, is the enthalpy at the expander outlet; exp η is the mechanical efficiency of the expander, which is equal to 0.80 and assumed to be constant as shown in [2, 33] .
Condenser model
The condenser is a heat transfer device that removes the heat from the vaporized refrigerant and returns it back to the liquid form. In the simulation, it is assumed that a sufficient amount of cooling air is supplied to the condenser so that the liquid-vapor refrigerant from the expander is cooled down to the initial inlet temperature of the pump.
A thermodynamic model of the condenser based on the state enthalpy represents the cooling power con Q in the following equation.
where con m  is the mass flow rate of refrigerant through the condenser which is the same as the mass flow rate of refrigerant at the pump.
i p H , is the enthalpy at the inlet of the pump.
Overall model of WHR system
The overall model of the cycle shown in Fig. 5 is built by interconnecting all subcomponents in the WHR system. The inputs and outputs of the adjacent components are as follows:  The mass flow rates of the pump and through all other components are assumed to be equal, By interconnecting the individual inputs and outputs of each component, a set of overall model inputs-outputs can be defined and listed in Table 3 .
Performance calculation
Three indicators can be used to investigate the performance of the ORC waste heat recovery system: cycle efficiency, heat recovery efficiency and overall system efficiency [20] , as follows: 
where cy η is the cycle efficiency, which is the ratio of net work output to the heat recovered at the evaporator, hr η is the heat recovery efficiency which is defined as the amount of heat recovered from the given exhaust, and the overall system efficiency oa η is the multiplication of the two other efficiencies and is defined as the ratio of the net work output to the available heat in the exhausts. ev Q is the evaporator power which is obtained by using Eq. 
Simulation results
In this paper, exhaust data obtained from city and highway drive cycles of a hybrid car [4, 34] is used for the investigation of the waste heat recovery system in supercritical conditions. The mass flow rates and temperatures from the exhaust data for the drive cycles are shown in Figs. 6 and 7 respectively.
The organic fluid used in this simulation is R134a refrigerant. The R134a has the advantages of high auto-ignition temperature, readily available and less expensive.
All thermo-physical properties of the fluids are obtained from the NIST (National Institute of Standard and technology) database called REFPROP [35] . This database is used to calculate thermodynamic properties of the pure fluids and some predefined mixtures. The thermo-physical properties of the R134a can be provided within the temperature range from 169.85 K to 682 K in the REFPROP database. The sampling time is set to 0.25s for the simulation and the mass flow rates are assumed to be constants during each step. The number of segments of the evaporator is set to 20, as it can ensure good agreement between iteration time and accuracy of the simulation.
Simulation of the waste heat recovery system in this research is presented with the entire operating range of the drive cycles and with selected points of the exhaust data. The following sections describe the simulation results in detail.
Investigation of entire drive cycles
To investigate the effect of operating parameters on the system outputs, a random pump speed profile ranging from around 1000 RPM to 1600 RPM, as shown in Fig. 8 , is used in the simulation. The minimum speed is set to around 1000 RPM to ensure the mass flow rate of the R134a refrigerant not to drop to a level that allows its temperature to exceed the allowable limits in the REFPROP. The maximum limit is set to 1600 RPM which is below the highest speed of the selected pump as discussed in section 2. The simulation results of the entire drive cycles are presented in Figs. 9 -14 .
The fluctuation of evaporator outlet temperature is shown in Fig. 9 , in which a minimum and maximum temperature of 361 K and 533 K for highway drive cycle and 356 K and 527 K for city drive cycle, respectively, are observed. The maximum temperature obtained in the simulation is lower than the upper limit of the evaporator temperature of R134a, which is bounded by its auto ignition temperature of 1023 K.
The fluctuation of heat transfer rates in the evaporator is shown in Fig. 10 . It can be seen from Figs. 6-8 and 10 that a maximum of 12.8 kW of heat from the city drive cycle can be recovered at the exhaust flow of 0.0448 kg/s and 1065 K with the pump speed of 1483 RPM. Similarly, the maximum heat transfer rate obtained from the simulation of highway drive cycle is 11.4 kW with respect to 0.03 kg/s, 967 K and 1600 RPM.
The exhaust heat from the vehicle engine has the potential to produce 1-2 kW of energy in the expander when using the ORC WHR system in subcritical conditions [36] . Fig. 11 shows the potential expander power output of the system with respect to different drive cycles. The simulation results in Fig.  11 show that a maximum of 1.9 kW (gross) energy can be obtained in the expander when the drive cycles are simulated City drive cycle Highway drive cycle at the supercritical pressure of 5500 kPa and with an expansion ratio of 7.14 (higher pressure 5500 kPa and lower pressure 770 kPa). Since the simulation is carried out with random mass flow rates of refrigerant, a higher power output could be achieved with an optimal control system. Although the power output for both drive cycles are in a similar range, the highway cycle is more favorable for expander operation because the variation of the exhaust mass flow rate and temperature drops are less than for those in the city drive cycle as shown in Figs. 6-7. Figure 12 shows the ORC cycle efficiency for both entire drive cycles. With various combinations of model input profiles, the cycle efficiency for the simulation of drive cycles varies from 4.08% to 13.56%. Since the simulation was carried out with the random flow rate of the refrigerant and the model outputs were not optimized, the efficiencies are varied according to the combination of the input variables. Nevertheless, the heat recovery efficiency of the simulated model varies from 34% to 76% for the city drive cycle and from 35% to 77% for the highway drive cycle, as shown in Fig. 13 . The percentage of heat recovered from the exhaust and converted into useful power in the expander is represented by an overall system efficiency which is shown in Fig. 14. The overall efficiency range obtained in the simulation is up to 9.80% for the both drive cycles.
Investigation of specific operating point
To simulate the effect of the variable mass flow rate of refrigerant on the performance of the WHR at constant heat flows, a specific operating point based on the average exhaust temperature and flow rate of the drive cycle data is selected. The relationship between the mass flow rate of the refrigerant and evaporator outlet temperature at the constant heat flow (23) This decrease is caused by a higher mass flow rate of refrigerant flow against a constant heat input to the evaporator, which means that the evaporator absorbs more heat and therefore the outlet temperature of the refrigerant is decreased. Figure 16 shows the variation of efficiencies at different refrigerant flow rates. This figure demonstrates that when the mass flow rate increases, the cycle efficiency also increases up to a maximum value, after which it declines. This is because when the mass flow rate of refrigerant is too high, the temperature at the evaporator outlet is reduced to a point where the evaporator power is much higher, but the specific enthalpy difference and work output is lower according to Eq. (17). This lower work output and higher evaporator power yields lower cycle efficiency according to Eq. (19) . It can also be seen from this figure that the heat recovery efficiency can be improved by increasing the refrigerant mass flow. But this improvement is achieved by compromising the lower cycle efficiency as shown in Fig. 16 . The overall system efficiency calculated in Eq. (21) is also shown in this figure for different mass flow rates. A maximum of 7.7% overall efficiency is achieved at a mass flow rate of 0.0351 kg/s of refrigerant.
The effect of the evaporator temperature on the various efficiencies including heat recovery efficiency is shown in Fig.  17 . A contrasting effect is observed with the mass flow rate, where the increase in the evaporator temperature causes a decrease in the heat recovery efficiency because the expander exhaust is cooled down at the higher temperature. In the simulation, the ORC WHR can obtain the highest efficiency at the temperature of 418K with a constant heat flow. The figure also shows that the highest overall efficiency of 7.7% and a corresponding cycle and heat recovery efficiency of 12.8% and 60.1%, respectively, can be achieved at this optimum temperature. The simulation results from Figs. 15-17 also show that the highest efficiency of the ORC can be obtained with the optimum temperature but not with the higher temperature.
Effect of evaporator pressure
An investigation of the effect of supercritical pressure and mass flow rate of refrigerant on various performance indicators of the WHR process is presented in this section. The three supercritical pressures selected for the simulation are as follows: 5500 kPa, 6500 kPa and 7000 kPa. These values are higher than the critical pressure of the R134a. However, the condenser pressure of 770 kPa is kept the same as before. The variation of operating parameters and performance indicators at different pressures and mass flow rates are shown in Figs.
18-22.
The results from the investigation of the effect of supercritical pressure on the evaporator power are shown in Fig. 18 . The result shows that an increase in the evaporator pressure causes a decrease in the heat recovery in the evaporator. Fig.  21 provides evidence that for a given constant heat exchange area, the heat recovery efficiency of the WHR process decreases with the increase of the evaporating pressure. However, high pressure in the evaporator leads to a higher pressure ratio, which gives a higher work output in the expander as shown in Fig. 19 .
The influence of supercritical pressure on the cycle efficiency of the ORC is shown in Fig. 20 . It is clearly shown that the cycle efficiency of the ORC increases with the increase of the supercritical fluid pressure. The maximum cycle efficiency among the three cases is 14.67%, which is obtained at the supercritical pressure of 7000 kPa. The effect of the three different evaporating pressures on the overall system efficiency is shown in Fig. 22 . The maximum overall efficiencies of 7.7%, 7.95 % and 8.1% can be obtained when the system operates at the supercritical pressure of 5500 kPa, 6500 kPa and 7000 kPa respectively. It can be seen from the simulation results that a 27% higher pressure in the system could enhance the cycle efficiency by 8.2% and the overall system efficiency by 5.2%.
Effect of condenser pressure
There are two methods to increase the specific work output of the expander in the ORC. One is to operate the system at a high evaporating pressure and the other is to maintain the condenser pressure as low as possible. Both methods increase the work output due to the increasing of the pressure ratio of the system. In order to investigate the effect of the condenser pressure on the performance parameters of the ORC WHR system, three different condenser pressures: 770 kPa, 1000 kPa and 1680 kPa were chosen with respect to the nominal condenser temperatures of 303 K, 313 K and 333 K as shown in Fig. 23 . An isentropic expansion from the minimum evaporator temperature of 398 K and a supercritical pressure of 5500 kPa to the selected condenser temperatures and pressures can ensure that the expansion process is not in the wet region as shown in the pressure-enthalpy diagram of R134a in Fig.  23 . However, the results shown in Figs. 24-27 are from the simulation of the WHR process at three different condenser pressures when the evaporator pressure is maintained at 5500 kPa.
The power output of the WHR system is calculated by an isentropic expansion, which is the difference between enthalpies at the inlet and at the outlet of the expander as discussed in section 2. When the condenser pressure increases, Mass flow rate of refrigerant (kg/s) Heat recovery efficiency (%) P con =770 KPa P con =1000 KPa P con =1680 KPa m exh =0.025 kg/s T exh =824 K the temperature also increases. As a result, the expansion ratio decreases and the expander exhaust products are cooled down at a higher temperature as shown in Fig. 23 . This reduces the work output and consequently, the thermal efficiency of the system as noticed in Figs. 24 and 25 . The result also shows that the condenser with 118% more pressure could reduce the thermal efficiency of the ORC system by 50.7%.
However, the investigation of the effect of condenser pressure on the evaporator power and heat recovery efficiency shows that the WHR system at 770 kPa condenser pressure can recover about 6% more heat than when the condenser operates at 1680 kPa (Figs. [26] [27] . This is as expected since the condenser pressure is assumed to be the same as the pump inlet pressure, and a low refrigerant temperature at the inlet of the evaporator is possible when the latter pressure is low as well. This low temperature is able to extract the maximum amount of heat from the exhaust, and therefore a higher heat recovery in the evaporator and higher efficiency of the system can be obtained.
Conclusions
The simulation of the ORC based WHR system with the variable exhaust data from real vehicle drive cycles (highway and city) is presented in this paper. The effects of the processing parameters including evaporator and condenser pressure, mass flow rate of refrigerant, and evaporator temperature on the performance parameters of the WHR process were investigated.
The developed model is suitable to depict the effect of mass flow rate of the refrigerant on the evaporator outlet temperature, which is the critical parameter for the control of the WHR system in real time. The investigation of the ORC based WHR model within the entire drive cycle in this paper can provide an overall mapping and characterization of operating ranges of the waste heat recovery system. The simulation results show that the cycle efficiency is not improved by increasing the evaporator temperature only. An optimum control of the evaporator outlet temperature of the system can effectively utilize the heat and deliver maximum efficiency. Furthermore, in order to maximize the heat usage, the evaporator pressure should be kept as high as possible while the condenser pressure should be kept as low as possible.
As the WHR process in automobile applications is associated with transient heat sources in the hot side and slow changes in the cold side of the evaporator; it is necessary to incorporate the thermal inertia into the system modelling. This will be the focus of future research in this area.
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